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ABSTRACT
This paper presents a simulation model for the transient behavior of vapor compression refrigerating appliances
subjected to on-off control patterns focusing on the reciprocating compressor. A detailed compressor model is put
forward based on two sub-models: one for the compression cycle, which can predict the valve dynamics, heat transfer
in the compression chamber and the pressure pulsations in mufflers, and the other for the compressor shell, which
calculates the temperature and mass flow rate in components other than the compression chamber. The remaining
components of the single-door frost-free refrigerator considered in this work (i.e. condenser, evaporator, refrigerated
compartment) are modeled based on mass and energy balances considering each component as an even lump. The
expansion device and the refrigerant charge sub-models are replaced by prescribed condenser subcooling and
evaporator superheating degrees, respectively. The overall cycle simulation model was validated by comparing
predictions for the compressor temperatures and mass flow rate, indicated power, power consumption and overall
energy consumption with the experimental counterparts measured in a household refrigerator, whose components –
including the compressor – were carefully instrumented with thermocouples and pressure transducers, and tested in a
climate chamber with a strict control of air temperature, humidity and velocity. Finally, sensitivity analyses were
conducted to compare the effect of the compressor design parameters on its performance under calorimeter and actual
system conditions.

1. INTRODUCTION
About 1.4 billion household refrigerators and freezers are in use (Barther and Götz, 2012), i.e. roughly one refrigerator
for each five inhabitants of the globe. Since such appliances are responsible for consuming around 15% of the electrical
energy produced for the residential sector, governments worldwide are increasingly launching more stringent energy
policies, promoting a continuous development of refrigerating devices (Belman-Flores et al., 2015).
Virtually any refrigerators available on the market employ vapor compression refrigeration cycles with reciprocating
compressors. Since the cooling capacity of the system is usually higher than the thermal loads, a strategy to maintain
the temperatures in the compartments at the desired levels is required. The most common and less costly method
consists of matching the cooling capacity to the thermal loads by means of a thermostat which switches the compressor
on and off. The periodic compressor start-up and shut-down gives rise to transient phenomena such as pressure peaks
and equalization, refrigerant migration and evaporator activation, with the working pressures and mass flow rates
spanning a wide range of operating conditions which can be quite different from the steady-state ones usually
considered for component matching and compressor design (Hermes and Melo, 2008).
For a better understanding of the effect of the transient (start-up/shut-down) operating conditions upon the compressor
performance, a system simulation model is required. On the one hand, the models developed for vapor compression
cycles under on-off conditions are frequently focused on the heat exchangers and the refrigerated compartments
(Borges et al., 2015; Heimel et al., 2016), while simplified modeling approaches are commonly adopted for the
compressor, which are based on maps of volumetric and overall efficiencies to estimate mass flow rate and power
consumption (Ndiaye and Bernier, 2010; Negrao et al., 2011). Just a few works, such as the ones published by Chen
and Lin (1991) and Hermes and Melo (2008), presented more elaborate models for the compression cycle, albeit
neglecting key aspects of the compressor performance such as valve dynamics and pressure pulsations in the suction
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and discharge mufflers. On the other hand, these phenomena are taken into account in some compressor models
available in the literature, such as the one presented by Todescat et al. (1992), which depend on external boundary
conditions for the working pressures (evaporating, condensing) and suction line temperature, supplied to the model in
an open-loop, thus transmitting information from the system to the compressor, but not the other way round.
To the best of our knowledge, there is no study in the open literature focusing on the compressor behavior due to the
transient phenomena imposed to the refrigeration cycle by the on-off control patterns. Therefore, this work is aimed
at advancing a cycle simulation model which is able not only to predict on-off cycling transients but also the detailed
heat and fluid flow dynamics inside the compressor. A single-door frost-free refrigerator designed for the Brazilian
market was adopted in this study. The refrigerant flow through the heat exchangers and the expansion device was
modeled following a quasi-steady-state approach, where the heat exchangers (condenser, evaporator) and the
refrigerated compartments have each been simulated as even lumps. A detailed model was implemented for the
compressor, being comprised of two sub-models – namely, one for the compression cycle and the other for the heat
transfer in the compressor shell. The key parameters required by the model were derived from measurements, which
were also used to validate the model predictions in different operating conditions.

2. MATHEMATICAL MODELING
2.1 Compressor
The compressor model follows the procedure described by Diniz et al. (2016), according to which a transient
compression cycle sub-model and a thermal compressor shell sub-model, that calculates the temperatures in other
compressor components, are solved in a coupled manner. The model for the compression cycle is based in four groups
of equations, as described by Todescat et al. (1992). The first one allows the calculation of the instantaneous volume
occupied by the gas inside the compression chamber, ∀𝑔𝑖 ,
∀𝑔𝑖 (𝜃) =

2
𝜋𝐷𝑐𝑐
(𝑑 𝑇𝐷𝐶 − {𝑒 cos 𝜃 + [𝐿2𝑟 − (𝑒 sin 𝜃 − 𝑑𝑚 )2 ]1/2 }) + ∀𝑐
4

(1)

where ∀𝑐 is the dead volume and 𝐷𝑐𝑐 , 𝑑 𝑇𝐷𝐶 , 𝑒, 𝐿𝑟 and 𝑑𝑚 are geometric parameters, as depicted in Fig. 1. The second
group of equations is obtained by applying the conservation equations to the compression chamber, as illustrated in
Fig. 2. The resulting mass conservation equation is expressed as follows,
𝑑𝑚𝑔𝑖
𝑖
𝑖
𝑖
𝑖
= 𝑚̇𝑠𝑢𝑐
− 𝑚̇𝑑𝑖𝑠
− 𝑚̇𝑙𝑖 − 𝑚̇𝑏,𝑠𝑢𝑐
+ 𝑚̇𝑏,𝑑𝑖𝑠
𝑑𝑡

(2)

𝑖
𝑖
where 𝑚̇𝑠𝑢𝑐
and 𝑚̇𝑑𝑖𝑠
are the instantaneous mass flow rates through the suction and discharge valves, with the
subscript 𝑏 representing backflow in both valves, and 𝑚̇𝑙𝑖 is the instantaneous leakage through the piston-cylinder
clearance. With the instantaneous mass and volume of refrigerant inside the compression chamber it is possible to
estimate its density. The instantaneous temperature of the refrigerant inside the compression chamber is obtained by
means of the energy conservation equation,

𝑑𝑇𝑔𝑖
= 𝐴 − 𝐵𝑇𝑔𝑖
𝑑𝑡
𝐴=

(3)

𝑑𝑚𝑔𝑖
1
𝑖
𝑖
𝑖
𝑖
𝑖
𝑖
[ℏ
𝐴
𝑇
−
ℎ
+ (𝑚̇𝑠𝑢𝑐
ℎ𝑠𝑐 ) − (𝑚̇𝑑𝑖𝑠
ℎ𝑔𝑖 ) − (𝑚̇𝑙𝑖 ℎ𝑔𝑖 ) − (𝑚̇𝑏,𝑠𝑢𝑐
ℎ𝑔𝑖 ) + (𝑚̇𝑏,𝑑𝑖𝑠
ℎ𝑑𝑐 )]
𝑤
𝑤
𝑤
𝑔
𝑚𝑔𝑖 𝑐𝓋𝑖
𝑑𝑡
𝐵=

1
𝑚𝑔𝑖 𝑐𝓋𝑖

[ℏ𝑤 𝐴𝑖𝑤 +

𝜕𝑝𝑔 𝑑∀𝑔𝑖 𝜕𝑝𝑔
𝑑𝑚𝑔𝑖
|
−
| 𝜈𝑔𝑖
]
𝜕𝑇𝑔
𝑑𝑡
𝜕𝑇𝑔
𝑑𝑡
𝓋

(4)

(5)

𝓋

where ℏ𝑤 , is the convective heat transfer coefficient (Annand, 1963). The temperatures of the suction chamber (𝑇𝑠𝑐 ),
discharge chamber (𝑇𝑑𝑐 ) and cylinder wall (𝑇𝑤 ) are predicted by the thermal model. With the temperature calculated
from Equation (3) and the density of the refrigerant it is possible to estimate the pressure inside the compression
chamber using an equation-of-state (in the p-v-T form) for the refrigerant under analysis.
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Figure 1: Schematic representation of the compression
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Figure 2: Mass and energy fluxes within the
compression chamber

The third group of equations is required to calculate valve dynamics. A single degree-of-freedom mass-spring model
is employed, with effective force areas being used to characterize the flow-induced force acting on the valve. Finally,
the fourth group of equations predicts the mass flow rates that cross the control volume surface depicted in Fig. 2. The
mass flow rates through the valves are estimated using the effective flow area to correct the theoretical value given by
the relation for isentropic flow through convergent nozzle. Refrigerant leakage through the clearance between piston
and cylinder is estimated by considering a fully developed laminar Couette-Poiseuille flow (Ferreira and Lilie, 1984).
In this work, pressure pulsations in the suction and discharge mufflers are calculated with the model presented by
Deschamps et al. (2002).
Since the time scale of the compression cycle (milliseconds) is considerably smaller than that of the compressor shell
transients (minutes), the outputs from the compression cycle model must be averaged over a representative cycle,
using the relations shown in Table 1. The mechanical losses 𝑄̇𝑏 and the electrical efficiency 𝜂𝑒𝑙𝑒 were specified based
on experimental data previously obtained for the compressor under analysis, while the average heat dissipation due to
friction in the piston-cylinder gap, 𝑄̇𝑝𝑐 , is calculated according to Ferreira and Lilie (1984).
Table 1: Output from the compression chamber model.
Parameter

Calculation

𝑊̇𝑖𝑛𝑑

−𝑓 ∮ 𝑝𝑔 𝑑∀𝑔

𝑚̇𝑠𝑢𝑐 , 𝑚̇𝑑𝑖𝑠 , 𝑚̇𝑙 , 𝑚̇𝑏,𝑠𝑢𝑐
and 𝑚̇𝑏,𝑑𝑖𝑠

1 2𝜋 𝑖
∫ 𝑚̇𝑘
2𝜋 0

𝑑𝜃, where 𝑘 = 𝑠𝑢𝑐, 𝑘 = 𝑑𝑖𝑠, 𝑘 = 𝑙, 𝑘 = 𝑏, 𝑠𝑢𝑐 or 𝑘 = 𝑏, 𝑑𝑖𝑠

𝑄̇𝑝𝑐

1 2𝜋 𝑖
∫ 𝑄̇𝑝𝑐 𝑑𝜃
2𝜋 0

𝑄̇𝑚𝑜𝑡

(𝑊̇𝑖𝑛𝑑 + 𝑄̇𝑝𝑐 + 𝑄̇𝑏 )/𝜂𝑒𝑙𝑒 − (𝑊̇𝑖𝑛𝑑 + 𝑄̇𝑝𝑐 + 𝑄̇𝑏 )

The compressor thermal model follows an integral approach, in which the compressor is divided into several nonoverlapping control volumes, as illustrated in Figure 3, where mass and energy balances are applied. The energy
balances have the following general form (Diniz et al., 2016):
𝑑
(𝑚𝑢) = ∑𝑚̇ℎ|𝑖𝑛 − ∑𝑚̇ℎ|𝑜𝑢𝑡 + 𝑄̇ − 𝑊̇
𝑑𝑡

(6)

The thermal conductances were estimated by adjusting the model to a known (measured) steady-state temperature
distribution, as suggested by Todescat et al. (1992). The transient terms in the system of equations were not considered
in this procedure. The condition chosen for the model adjustment is represented by the evaporating temperature 𝑇𝑒 =
−25.8 °C, condensing temperature 𝑇𝑐 = 44.6 °C, suction line temperature 𝑇𝑠𝑙 = 28.6 °C and ambient temperature
𝑇𝑎𝑚𝑏 = 32 °C. The adjusted heat conductances were held constant throughout the transient simulation exercise.
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Figure 3: Schematic of the compressor shell model and the control volumes used for the thermal analysis

2.2 Condenser and evaporator
A lumped quasi-steady-state approach (Borges et al., 2010) was adopted to simulate the refrigerant flow in the
evaporator and the condenser, where the thermal inertia of the condenser and evaporator walls were also incorporated
into the model (Tagliafico et al., 2012; Borges et al., 2015). The energy balances in the condenser yield
𝑈𝐴𝑐−𝑐𝑑 (𝑇𝑐 − 𝑇𝑐𝑑 ) = 𝑚̇(ℎ𝑑𝑙 − ℎ𝑐𝑑,𝑜𝑢𝑡 )
𝐶𝑐𝑑 (

𝑡
𝑡−Δ𝑡
𝑇𝑐𝑑
− 𝑇𝑐𝑑
) = 𝑈𝐴𝑐−𝑐𝑑 (𝑇𝑐 − 𝑇𝑐𝑑 ) − 𝑈𝐴𝑐𝑑−𝑎𝑚𝑏 (𝑇𝑐𝑑 − 𝑇𝑎𝑚𝑏 )
Δ𝑡

(7)
(8)

where 𝑇𝑎𝑚𝑏 is the surrounding air temperature, 𝑇𝑐 is the condensing temperature, 𝑇𝑐𝑑 is the condenser wall
temperature, 𝑚̇ is the mass flow rate discharged by the compressor, 𝐶𝑐𝑑 is the thermal capacity of the condenser wall,
𝑈𝐴𝑐−𝑐𝑑 and 𝑈𝐴𝑐𝑑−𝑎𝑚𝑏 are, respectively, the thermal conductances between the refrigerant and the wall, and between
the condenser wall and the surrounding air, and ℎ𝑑𝑙 is the specific enthalpy of the refrigerant at the compressor
discharge. The specific enthalpy at the condenser outlet is ℎ𝑐𝑑,𝑜𝑢𝑡 = ℎ(𝑝𝑐 , 𝑇𝑐 − Δ𝑇𝑠𝑢𝑏 ), where Δ𝑇𝑠𝑢𝑏 is the subcooling
degree imposed to the condenser outlet in replacement of the expansion device model (Borges et al., 2010). The energy
balances in the evaporator yield
𝑈𝐴𝑒𝑣−𝑒 (𝑇𝑒𝑣 − 𝑇𝑒 ) = 𝑚̇(ℎ𝑒𝑣,𝑜𝑢𝑡 − ℎ𝑒𝑣,𝑖𝑛 )
𝐶𝑒𝑣 (

𝑡
𝑡−Δ𝑡
𝑇𝑒𝑣
− 𝑇𝑒𝑣
) = 𝑈𝐴𝑟𝑐−𝑒𝑣 (𝑇𝑟𝑐 − 𝑇𝑒𝑣 ) − 𝑈𝐴𝑒𝑣−𝑒 (𝑇𝑒𝑣 − 𝑇𝑒 )
Δ𝑡

(9)
(10)

where 𝑇𝑟𝑐 is the temperature of the refrigerated compartment, 𝑇𝑒 is the evaporating temperature, 𝑇𝑒𝑣 is the evaporator
wall temperature, 𝐶𝑒𝑣 is the thermal capacity of the evaporator wall, 𝑈𝐴𝑒𝑣−𝑒 and 𝑈𝐴𝑟𝑐−𝑒𝑣 are, respectively, the
thermal conductances between the evaporator wall and the refrigerant, and between the refrigerated compartment and
the evaporator wall, and ℎ𝑒𝑣,𝑖𝑛 is the specific enthalpy of the refrigerant at the evaporator inlet, calculated from the
internal heat exchanger model. The specific enthalpy at the evaporator outlet is ℎ𝑒𝑣,𝑜𝑢𝑡 = ℎ(𝑝𝑒 , 𝑇𝑒 + Δ𝑇𝑠𝑢𝑝 ), where
Δ𝑇𝑠𝑢𝑝 is the superheating degree imposed to the evaporator outlet in replacement of the refrigerant charge model
(Borges et al., 2010).
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2.3 Internal heat exchanger
In the cases where an internal heat exchanger between the capillary tube and the suction line is employed, the
expansion process in capillary tube takes place while rejecting heat to the suction line, yielding
ℎ𝑠𝑙 = ℎ𝑒𝑣,𝑜𝑢𝑡 + 𝜀𝑐𝑝,𝑣 (𝑇𝑐𝑑,𝑜𝑢𝑡 − 𝑇𝑒𝑣,𝑜𝑢𝑡 )

(11)

ℎ𝑒𝑣,𝑖𝑛 = ℎ𝑐𝑑,𝑜𝑢𝑡 + 𝜀𝑐𝑝,𝑣 (𝑇𝑐𝑑,𝑜𝑢𝑡 − 𝑇𝑒𝑣,𝑜𝑢𝑡 )

(12)

where 𝜀 is the effectiveness of the internal heat exchanger, whereas ℎ𝑠𝑙 is the refrigerant enthalpy at the compressor
suction, 𝑇𝑐𝑑,𝑜𝑢𝑡 and 𝑇𝑒𝑣,𝑜𝑢𝑡 are the temperatures at the condenser and the evaporator outlets, respectively, and 𝑐𝑝,𝑣 is
the specific heat of saturated vapor at the evaporating pressure.

2.4 Refrigerated compartment
The refrigerated compartment is modeled according to the following energy balance,
𝐶𝑟𝑐 (

𝑡
𝑡−Δ𝑡
𝑇𝑟𝑐
− 𝑇𝑟𝑐
) = 𝑈𝐴𝑎𝑚𝑏−𝑟𝑐 (𝑇𝑎𝑚𝑏 − 𝑇𝑟𝑐 ) − 𝑈𝐴𝑟𝑐−𝑒𝑣 (𝑇𝑟𝑐 − 𝑇𝑒𝑣 ) + 𝑊̇𝑓𝑎𝑛
Δ𝑡

(13)

where 𝐶𝑟𝑐 is the thermal capacity of the refrigerated compartment, 𝑈𝐴𝑎𝑚𝑏−𝑟𝑐 is the thermal conductance between the
surrounding air and the refrigerated compartment, and 𝑊̇𝑓𝑎𝑛 is the power dissipation in the fan.

2.5 Solution procedure
The model can be initialized in a condition at which the compressor is switched off. In this case, initial temperatures
must be prescribed for the all the control volumes that employ transient models. Such temperatures can be obtained
from a prior steady-state simulation. When the compressor is off, only the compressor thermal model, the evaporator
wall model, the condenser wall model and the model for the refrigerated compartment are solved. The temperature of
the refrigerated compartment increases until it reaches the thermostat start-up temperature, when the compressor is
switched on, so that the compression cycle model and the quasi-steady models for refrigerant flow through the heat
exchangers are also activated. Since exchange of data between the sub-models for the components of the refrigeration
cycle is necessary, an iterative numerical procedure at each time step is adopted through the Newton-Raphson
algorithm. Convergence at each time step is verified using a criterion based on the compressor discharge temperature.
The calculation takes place until the thermostat cut-off temperature is reached. This procedure is repeated for many
on-off cycles so that a periodic-steady-state condition is achieved. The model was coded in C++, whereas the
refrigerant properties were calculated from Refprop database (Lemmon et al., 2002).

3. EXPERIMENTAL PROCEDURE
The system under analysis is a single-door 300-L frost-free refrigerator running with R600a, which was carefully
instrumented to obtain the electrical power consumption, pressure in the compressor inlet and outlet ports and mass
flow rate at the compressor discharge line, as depicted in Fig. 4. T-type thermocouples were adopted to measure the
temperatures at the inlet and outlet of each of the cycle components, and the temperature of the refrigerated
compartment were also monitored and recorded. The reciprocating compressor provides 5.96 cm3/rev at 50 Hz and
employs ISO-5 alkylbenzene as the lubricant oil. The compressor was instrumented to obtain the temperatures in
several locations following the refrigerant path, besides solid components and lubricant oil, as shown in Fig. 5. A
piezo-electric pressure transducer was installed to measure the pressure inside the compression chamber during the
compression cycle. Details about the instrumentation and the experimental procedure can be found in Diniz et al.
(2018). The tests were carried out in a climate chamber capable of maintaining the air temperature, humidity and
velocity under strictly controlled conditions. Three ambient temperatures (𝑇𝑎𝑚𝑏 = 32 °C, 25 °C and 16 °C) and three
thermostat cut-off temperatures (𝑇𝑜𝑓𝑓 = -19 °C, -16 °C and -10 °C) were combined to generate 9 different test
conditions. Measurements of a typical on-period under a test condition with 𝑇𝑎𝑚𝑏 = 32 °C and 𝑇𝑜𝑓𝑓 = -16 °C were
used to derive the semi-empirical parameters of the model: 𝑈𝐴𝑐−𝑐𝑑 = 32.0 W/K, 𝑈𝐴𝑐𝑑−𝑎𝑚𝑏 = 8.8 W/K, 𝑈𝐴𝑟𝑐−𝑒𝑣 =
11.0 W/K, 𝑈𝐴𝑒𝑣−𝑒 =52.0 W/K, 𝑈𝐴𝑎𝑚𝑏−𝑟𝑐 = 1.25 W/K, 𝐶𝑟𝑐 = 10830 J/kg and 𝜀 = 0.81).
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̇

Figure 4: Schematic of the compressor compartment
with pressure and mass flow rate instrumentation

Figure 5: Schematic of the compressor instrumentation
with T-type thermocouples

4. RESULTS AND DISCUSSION
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Figure 8: Comparison between measured and
predicted 𝑝 − ∀ diagrams after compressor start-up
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Figure 7: Numerical vs. experimental results of power
consumption and mass flow rate
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Figure 6: Experimental results of the variables
inputted to the compressor model alone
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Fig. 6 shows the experimental results for evaporating pressure, 𝑝𝑒 , condensing pressure, 𝑝𝑐 , and compressor suction
line temperature, 𝑇𝑠𝑙 , during the on-period when the refrigerator is operating at 𝑇𝑎𝑚𝑏 = 32 °C and 𝑇𝑜𝑓𝑓 = −16 °C. In
order to evaluate the accuracy of the compressor simulation separately from the system, the experimental data plot in
Fig. 6 were inputted to the compressor model alone. The results of this assessment are shown in Figs. 7 to 9. Fig. 7
compares the model predictions for the indicated power, 𝑊̇𝑖𝑛𝑑 , electrical power, 𝑊̇𝑒𝑙𝑒 and mass flow rate, 𝑚̇𝑑𝑙 , with
their experimental counterparts, with an agreement within 2% being observed for the whole on-period. Figures 8 and
9 show, respectively, the pressure-volume diagram 30 s after the compressor start-up and just before the shut-down.
Again, good agreement is seen between predictions and measurements.
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Figure 9: Comparison between measured and
predicted 𝑝 − ∀ diagrams before compressor shutdown
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After being validated, the compressor model was used together with the system simulation model to evaluate the
transient phenomena causing the thermodynamic losses and reducing the mass flow rate. Figures 10 to 13 compare
experimental measurements with model predictions during the on-period when the system is operating at 𝑇𝑎𝑚𝑏 = 32
°C and 𝑇𝑜𝑓𝑓 = −16 °C. Fig. 10 shows the time evolution of the evaporating temperature, 𝑇𝑒 , condensing temperature,
𝑇𝑐 , and temperature of the refrigerated compartment, 𝑇𝑟𝑐 , with good agreement between numerical and experimental
results, especially after 5 minutes on, with deviations lower than 2 °C. One can see that during the first few minutes
of the on-period, the model predicts an evaporating temperature significantly lower than the experimental counterpart,
which is explained by the quasi-steady approach that does not consider the advance of the two-phase boundary inside
the evaporator coil and the refrigerant mixture with oil during the off period. As a consequence, the model
underestimates mass flow rate and power consumption during the first few minutes of the on-period, as can be seen
in Fig. 11, which compares predictions for 𝑊̇𝑖𝑛𝑑 , 𝑊̇𝑒𝑙𝑒 , and 𝑚̇𝑑𝑙 , with the experimental counterparts. After 5 minutes
on, the model is able to predict the power consumption and mass flow rate with differences around 1% and 3%,
respectively, which are within the experimental uncertainty.

45
Exp.
Num.

Tc

-10
-15

40
35

Te

Trc

-20

30

-25

25
10
20
30
Time (min)
Figure 10: Numerical vs. experimental results of the
variables inputted to the compressor model
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0

Fig. 12 shows the temperatures along the refrigerant path inside the compressor, such as suction line, suction chamber,
discharge chamber and discharge line. One can see that the model is not able to predict the suction line temperature,
𝑇𝑠𝑙 , just after compressor start-up, partially due to the simplifications adopted for the condenser and evaporator model,
particularly the fixed degrees of subcooling and superheating in the condenser and evaporator exits, respectively. A
moving-boundary formulation for the evaporator would certainly bring about better results. Despite the deviations
observed in Fig. 12 for the early stages, the differences between the experimental and numerical results were typically
around 2 °C for most of the time. Fig. 13 shows the temperatures of the internal components (electric motor,
compressor shell and cylinder wall temperature) and lubricant oil. Good agreement is seen between the experimental
and numerical counterparts throughout the on-period, except for the oil, for which a constant heat conductance
throughout the transient simulation is not appropriate. It is also interesting to observe that the cylinder wall temperature
presents the highest amplitude of variation during the on-period, while motor temperature is practically stable due to
its high thermal inertia.

80

100
Tdc

60
40

Tdl
Tsc

20

Tmot
60
Toil
Tshell

40

-20
0

10
20
Time (min)

Tw

50

Exp.
Num.

Tsl

0

Exp.
Num.

70
T (°C)

T (°C)

80

30

Figure 12: Numerical vs. experimental temperatures
along the refrigerant path in the compressor
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Table 2 summarizes the deviation between experimental and numerical results for the runtime ratio (RTR) and overall
energy consumption (OEC) considering four test conditions. It is worth of note that the empirical parameters were
maintained fixed for all operating conditions. Despite the differences noticed during the early stages after the
compressor start-up, one can see that the system simulation model is be able to predict the overall performance
parameters of the refrigerator with good accuracy.
Table 2: Deviances between numerical and experimental results
Tamb (°C)

Toff (°C)

RTR Error (%)

OEC Error (%)

32

-16

-1,1

-1,4

25

-10

+0,3

+0,5

25

-19

-5,6

+6,1

16

-16

+1,4

-1,4

Figures 14 and 15 illustrate the impact of two design modifications on the compressor performance under calorimeter
conditions (COP) and overall energy consumption of the refrigeration system. The calorimeter condition,
Cal[CheckPoint], is given by 𝑇𝑒 = −23.3 °C, 𝑇𝑐 = 54.4 °C, 𝑇𝑠𝑙 = 32 °C and 𝑇𝑎𝑚𝑏 = 32 °C. The effect of a
compressor design change on the COP under calorimeter conditions is compared to a baseline and presented in the
primary axis. On the other hand, the variation of the refrigerator energy consumption due to compressor design change
is compared to a baseline and presented in the secondary axis. Negative values of Δ𝐸̇ are presented in both figures to
facilitate the comparison with Δ𝐶𝑂𝑃.
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Figure 14: Impact of suction insulation on the
compressor and system performances under different
working conditions
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Figure 14 evaluates the impact of insulating the compressor suction system. As can be seen, by reducing the thermal
conductance 𝑈𝐴𝑖𝑒−𝑠𝑚 from its reference value to a figure close to zero, the COP under calorimeter conditions is
increased between 2 and 3%, since the thermodynamic losses due to suction superheating are reduced. It can also be
observed that the reduction in the overall energy consumption is lower under system conditions (~1.5%) than the
increase in COP under calorimeter conditions (~2.5%). In fact, the increase of mass flow rate due to suction thermal
insulation reduces the evaporating pressure, but with a consequent increase of temperature difference on the air side
of the evaporator, thus increasing the external irreversibilities of the cycle. Figure 15 presents a similar analysis but
focused on the compressor electrical efficiency. The results reveal that the increase in the electrical efficiency reduces
the refrigerator energy consumption in a level very similar to the increase of COP measured under calorimeter
conditions. This is because an increase in compressor electrical efficiency does not change significantly the mass flow
rate provided by the compressor, only affecting its power consumption. It becomes clear that the benefit of a more
efficient compressor in a household refrigerator is related to the type of design change that caused the COP to increase
under calorimeter conditions.

Figure 15: Impact of electrical efficiency on the
compressor and system performances under different
working conditions
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5. CONCLUSIONS
This paper presented a novel simulation model to predict the performance of reciprocating compressors of household
refrigerators operating under on-off cycling conditions. The model was focused on the compressor and, therefore,
simplified approaches were used for the remaining components, while in-house experimental data was used to derive
the empirical parameters required for the model closure. The model predictions were validated via comparisons with
experimental data, showing differences of 1% for power consumption, 3% for mass flow rate, and maximum
deviations of 6% for the runtime ratio and overall energy consumption. After being validated, the model was employed
to investigate the effect of compressor design modifications on the COP estimated under calorimeter conditions and
on the overall energy consumption of the refrigerator. The results reveal that the benefit of a more efficient compressor
in a household refrigerator depends on the nature of the design modification that increases the COP under calorimeter
conditions. This endorses the idea that actual system conditions should be considered in the compressor selection to
effectively reduce energy consumption of household refrigerators.

NOMENCLATURE
ℎ
𝑚
𝑚̇
𝑝
𝑄̇𝑏

Enthalpy
Mass
Mass flow rate
Pressure
Heat dissipation at the bearings

Subscripts
𝑎𝑚𝑏 External environment
𝑏
Related to backflow
𝑐
Condensing
𝑐𝑑 Condenser wall
𝑑𝑖𝑠 Discharge vale orifice
𝑑𝑐 Discharge chamber
𝑑𝑙 Discharge line
𝑑𝑚 Discharge muffler
𝑑𝑜 Discharge muffler outlet
𝑑𝑡 Discharge tube
𝑑𝑣 Discharge valve
𝑒
Evaporating
𝑒𝑣 Evaporator wall

[J/kgK]
[kg]
[kg/s]
[Pa]
[W]

𝑄̇𝑒𝑙𝑒
𝑄̇𝑝𝑐
𝑇
𝑈𝐴
𝑊̇𝑖𝑛𝑑

Electrical losses
Piston-cylinder gap dissipation
Temperature
Heat conductance
Indicated power

𝑖𝑒
𝑙
𝑚𝑜𝑡
𝑜𝑖𝑙
𝑝𝑐
𝑟𝑐
𝑠𝑢𝑐
𝑠𝑐
𝑠𝑒
𝑠ℎ𝑒𝑙𝑙
𝑠𝑙
𝑠𝑚
𝑤

Compressor internal environment
Leakage
Electrical motor
Lubricant oil
Piston cylinder gap
Refrigerated compartment
Suction valve orifice
Suction chamber
Suction muffler inlet
Compressor shell
Suction line
Suction muffler
Compression chamber wall

[W]
[W]
[ºC]
[W/K]
[W]
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